In the first paper of this two-part study basic theories were introduced for several new methodologies developed in the Automotive Research Center (a US Army TACOM Center of Excellence for Modelling and Simulation of Ground Vehicles at the University of Michigan) for the simulation and design of advanced structures and materials for next-generation ground vehicles. These new methodologies include: (1) an advanced topology optimisation technique for innovative conceptual design of vehicle structures and materials; (2) a systematic design optimisation process with efficient analysis and sensitivity analysis capabilities for detailed design modifications to improve the vibration and noise characteristics of a complex vehicle structure; (3) a reduced-order modelling technique that can be used to systematically generate low-order models for the prediction of vehicle vibration, power flow, and the effects of parameter uncertainties; and (4) an efficient and accurate energy boundary element analysis method for highfrequency noise analysis outside the vehicle. In this second paper, an extensive case study is presented to demonstrate how the methodologies presented in the first paper can be applied to a vehicle system. A pick-up truck equipped with an advanced hybrid propulsion system is considered in this paper, and various example design and prediction problems are discussed, which provide proofof-concept for the methodologies developed.
1 Introduction -outline of the case study One of major tasks at the ARC (Automotive Research Center, a US Army TACOM Center of Excellence for Modelling and Simulation of Ground Vehicles at the University of Michigan) is to develop new methodologies for advanced structures and materials for next-generation ground vehicles. Several major developments related to this task have been detailed in (Pierre et al., 2004) . First, an advanced topology optimisation technique has been developed, which provides extensive capabilities for laying out new, conceptually advanced designs for vehicle structures or substructures to achieve the goals of reduced weight and increased performance. Second, a 'sizing' design optimisation process has been developed for achieving detailed design modifications in order to improve the vibration and noise response of a complex vehicle structure. This development includes efficient analysis and sensitivity analysis capabilities for vibroacoustic systems. Third, a component-based reduced order modelling technique has been developed for efficient vibration analysis. This technique has also been extended for analysing vibration transmission in a complex vehicle structural system to determine the power flow between components and to predict the effect of parameter uncertainties. Fourth, an energy boundary element analysis (EBEA) method has been developed for efficient and accurate high-frequency noise analysis, which extends the capability for predicting the acoustic field around the vehicle due to various sources. The overall objective of this paper is to demonstrate the methodologies developed in (Pierre et al., 2004) through their application to a generic class-IIB truck. Figure 1 shows a sketch of this case study, which illustrates how the new methodologies have been applied to the truck system for solving a number of example problems.
As shown in Figure 1 (a), first the topology optimisation technique is applied to a concept design problem of a structural component in the truck. The chassis frame is selected as an example component to be redesigned in the case study. The reason for modifying this component is that the lateral vibration of the chassis frame has a major effect on the peak structure-borne noise that is transmitted inside the cabin to the location of the driver's ear. (This is discussed in more detail in Section 3.1.) Figure 1(b) shows that a reduced order modelling technique is then applied to the substructures in order to yield a low-order system model. The reduced order model can be used to efficiently predict the vibration response and to calculate the sensitivities for determining design changes in the optimisation process. Figure 1c shows that an integrated optimisation process is then applied to the structural-acoustic system for the objective considered in the case study. As shown in Figure 1 (c), this optimisation process employs the vibrationnoise prediction capabilities and sensitivity analysis method developed in (Pierre et al., 2004) . The design objective currently considered is to reduce the sound pressure level inside the cabin at the driver's ear position. Figure 1 (b) also shows that the reduced order modelling technique can be used as a basis for predicting the power flow among the components as well as estimating the effect of parameter uncertainties on the response of the truck structure. Finally, Figure 1 (d) shows that an energy boundary element analysis (EBEA) method is applied to predict high-frequency external noise, which extends the analysis capabilities for important vehicle characteristics such as radiated noise and acoustic signature.
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Boundary element model for acoustic field Boundary element model for acoustic field Finite element model for vehicle structure Finite element model for vehicle structure Number of nodes = 9,971 Number of nodes = 9,971 Number of elements = 9,526 Number of elements = 9,526 Number of components = 50 Number of components = 50 2 Dual-use truck system for the case study A dual-purpose (military/commercial) concept truck is shown in Figure 2 . In this paper, this truck is considered as an example structural-acoustic system, and it is used to demonstrate the new methodologies described in the first paper (Pierre et al., 2004) . The concept truck is powered by an advanced hybrid propulsion system, which includes hydraulic components for the regeneration of braking energy. The hydraulic pump in the powertrain system provides an additional vibration excitation source to the vehicle structure. Because of this additional source of excitation, the vibration and noise levels of the truck are larger than for the same vehicle with a conventional powertrain. The current design goal is to reduce the vibration and noise by optimising the truck's structural design. In addition, the truck also needs to be optimised in order to reduce its total weight for achieving the aggressive fuel efficiency targets for an advanced hybrid vehicle. In the following examples, the methodologies presented in (Pierre et al., 2004) are applied to this design problem in order to demonstrate how the new capabilities can be used to accomplish the design goals.
As shown in Figure 2 , the concept truck structure is modelled by a finite element representation, which has 9971 nodes and 9526 finite elements. The truck model also contains 50 components (substructures). The acoustic field of the cabin cavity is modelled by a boundary element representation, which has 1029 boundary nodes and 1100 boundary elements. In the current design problem, the noise level inside the passenger compartment is chosen as the performance measure. The harmonic excitations at twelve locations are considered, which include four points at the spindles of the four wheels and eight mounting points of the powertrain and added hydraulic pump. Frequency response analysis is first carried out using MSC/NASTRAN for the nominal design to obtain the vibration response at a frequency range up to 100 Hz. Figure 3(a) shows an example result of the frequency response of the truck body at 93.6 Hz. An acoustic boundary element analysis is then carried out using the cabin acoustic boundary element model shown in Figure 2 (b). Figure 3(b) shows the sound pressure level predicted at the driver's ear for the frequency range from 0 to 100 Hz and the sound pressure distribution at 93.6 Hz inside the cabin compartment. As shown in Figure 3 (b), the maximum sound pressure level at the driver's ear is at 93.6 Hz with an amplitude of 77.8 dB when the reference pressure of 2 × 10 -8 kg/mm·s 2 is used. (Note that the responses shown in this paper have been normalised with respect to the excitations.)
Example results

Topology optimisation of a simplified model of the chassis frame
This first example illustrates how the topology optimisation technique can be utilised to redesign the chassis frame structure (Ma et al., 2002) . As shown in Figure 4 , from a previous study using sensitivity analysis, the peak noise at 93.6 Hz heard by the driver is mainly due to the first in-plane mode of the chassis frame. Therefore, this part of the investigation is focused on how the topology optimisation technique can be applied to redesign the chassis frame in order to improve its vibration performance. The first objective is to maximise the first in-plane eigenfrequency of the frame. Figures 5 and 6 depict preliminary research results obtained by considering a simplified yet representative two-dimensional model of the frame. In this design problem, it is assumed that the rails and the bumper cannot be changed at the design stage; these are shown as the blue areas in Figure 5 (a). Only the connectors between the two rails were sought in the design problem in order to maximise the eigenfrequency of the first in-plane mode of the frame. As a first try, a single-domain topology optimisation was conducted, in which the connectors are allowed to be placed anywhere in the design domain between the two rails ( Figure 5 (a)), with a constraint on the total amount of the material for building the connectors. The optimisation problem for this design can be written as
( 1) where λ 1 denotes the first eigenvalue of chassis frame structure; h denotes the constraint function for the total area (since we are considering a two-dimensional design problem) of the connector structure in the design domain shown in Figure 5 (a); X = denotes the vector of the design variables defined in (Pierre et al., 2004) ;
and j x denote the lower and upper bounds of design variable x j , respectively; M and K denote the mass and stiffness matrices of the chassis frame based on a finite element discretisation, and φ 1 is the first eigenvector of the chassis frame. Figure 5 (b) shows the result obtained from the optimisation process (1). It is seen that the resultant design may not be the desired one because of the complicated geometry of the connectors' design, which may be too difficult to fabricate. Also, the resultant design provides no support in the front part of the frame, which might be desired in a real vehicle system. This undesired design might be due to the lack of several considerations in the design process, for example, the out-of-plane loads and more accurate boundary conditions and loading conditions. However, it would be difficult to account for all such factors (e.g. accurate boundary conditions and loading conditions for the design problem) in the numerical process because these are dependent on the wide variety of operating conditions of the vehicle.
Design Dom ains
Effective In a second try, a multi-domain topology optimisation introduced in (Pierre et al., 2004) was conducted. This design process limited the design space for each connector and assigned a specific amount of the material to each individual connector. Yellow areas in Figure 6 (a) indicate the allowable locations for the connectors. The multi-domain topology optimisation problem can be then written as 0 ) ( and
where h j denotes the j-th constraint function for the total area of the j-th connector in the j-th subdomain shown in Figure 6 (a) (where j = 1, 2, …, m, and m=3). The optimisation algorithm, GSAO, presented in (Pierre et al., 2004) has been used to solve the optimisation problem (2) with the use of the updating rule 3 (i.e., Equation 5 in (Pierre et al., 2004) ). As shown in Figure 6 (b), a more reasonable design was obtained because the designer had more control over the result by using a multi-domain topology optimisation technique. Figure 7 further illustrates the finalised shape of the design obtained in Figure  6 (a), which can be used effectively for the manufacturing process. Table 1 illustrates the comparison of the optimum design obtained through the topology optimisation process with a nominal design shown in Figure 8 , which is made with the same amount of the material. As shown in Table 1 , using the optimisation process has doubled the fundamental eigenfrequency. Note that other objective functions could also be considered in the design problem: maximising the distances between the eigenfrequencies of the frame and the excitation frequencies, minimising the distances between the eigenfrequencies and the desired frequencies, and so forth (Ma, et al., 1994; Ma, et al., 1995a; Ma, et al., 1995b) . For example, for the design problem mentioned before, suppose that the chassis frame shown in Figure 7 has specific target values for the first three eigenfrequencies:
= 5 Hz, = 20 Hz, and = 35 Hz. In this case, a multi-domain topology optimisation problem can be stated as follows: 
where , and w are weighting factors. Figure 9(a) shows the optimum structure obtained through applying the topology optimisation process to the design problem of Equation (3). As shown in Figure 9 (a), the optimum structure obtained here has a topology that is quite different from that obtained from the previous optimisation process of Equation (2). A table shown in Figure 9 (b) compares the obtained eigenfrequencies with the desired ones. It is seen that the maximum difference between the obtained and desired values is less than 11% for these three eigenfrequencies. Furthermore, Figure 9 (c) shows a scaled prototype fabricated for this design using a rapid prototyping machine. Note that additional manufacturing constraints must be considered in the design process so that the fabrication cost can be minimised for a given manufacturing process. Also note that, for a realistic engineering design, the topology optimisation process presented in this paper needs to be extended with the capability to distribute the material in a three-dimensional domain. This threedimensional topology optimisation is under development and will be the subject of future work. 
Design sensitivity analysis and optimisation of the truck structure system
This second example illustrates how the design sensitivity method developed in (Pierre et al., 2004) can be applied to the truck re-design problem when the truck is considered as a vibro-acoustic system (Kim, et al., 2003) . In this example problem, the noise level of the passenger compartment is chosen as the performance measure, and panel thicknesses of the components are chosen as the design variables. The predicted sound pressure levels at the driver's ear position for the nominal design are shown in Table 2 for the selected eight frequencies. As shown in Table 2 , the sound pressure level at 93.6 Hz is significantly higher than at other frequencies, design optimisation is therefore carried out at that frequency. Forty design variables are selected in this example design problem. First, the acoustic adjoint problem defined in Equation (11) of (Pierre et al., 2004) , namely
is solved, and then the structural adjoint problem defined in Equation (15) of (Pierre et al., 2004) , namely ( )
is solved to obtain the adjoint response λ, where, stands for the adjoint load. Using the velocity response v, adjoint response λ, and the numerical integration process given in Equation (18) of (Pierre et al., 2004) , the sensitivities for each structural panel can be calculated, which are shown in Table 3 at the initial design point. Since the numerical integration process is carried out on each finite element, the element sensitivity information can be also calculated without additional effort. Figure 10(a) shows the sensitivity contributions of major components to the sound pressure level, while Figure 10 (b) shows the sensitivity contribution of the each element to the sound pressure level. This type of graphics-based sensitivity information is very helpful for the design engineer to determine the direction of the design modification. In Table 4 , the accuracy of the sensitivity results obtained by the new method are compared to the sensitivity results calculated using the finite difference method for the design variables that have the highest values. In this case, the vertical velocity at the center of the cabin roof is considered as a performance measure. It is seen that the proposed sensitivity results agree with the finite difference sensitivity results within a range of 10% when the panel thicknesses are perturbed by 0.1%. Finally, an optimisation process is applied to the truck structure to minimise the vehicle weight while reducing the peak noise level at driver's ear position from 77.8 dB to 65.0 dB, which is a 77% reduction in magnitude. Ten design variables are selected to change during design optimisation, including the panel thicknesses of chassis, fenders, wheelhouses, cabin, doors, etc, which do not largely affect other system performance measure but significantly influence the sound and vibration level inside the cabin. Figure 11 shows the final result obtained from this optimisation process and compares the new result with the nominal result, where the peak sound pressure has been reduced from 77.8 dB to 65.0 dB. Table 5 further illustrates the design changes for the ten selected panel thicknesses, which result in a reduction of 178 Kg in the total vehicle weight.
Figure 11 Sound pressure level frequency response at driver's position (initial design and optimum design).
dB Reduction
Power flow and structural uncertainty analysis
To study the effect of design uncertainty with an efficient computational approach, the reduced-order model presented earlier is used to perform a power flow analysis that characterises the vibration response of the system in a concise manner. The equations of motion can be written as
where θ is the random variable set and b z is the diagonal element of the impedance
en, a locally linear interpolation (LLI) of the modal velocities and modal matrix (7) Th elem e ents can be constructed with a set of piecewise linear functions over the random variable (r.v.) domain (Tan, et al., 2001) . This results in a finite-element-like discretisation over the r.v. domain. It is assumed that Ω is the r.v. domain that consists of
subdomains Ω e , such that
, where n E indicates the number of elements that constitute the ntire r.v. dom so assumed that the magnitude and the unwrapped phase of the modal velocity can be approximated by a set of piecewise linear functions over the r.v. domain. The linear approximation of the magnitude and phase of the modal velocity will be (8) where N( N e (ξ) is the local shape function with ξ representing the local coordinates. Then, the equations of motion can be cast into the weak formulation for the magnitude and phase of modal velocity: 
where pdf in (θ) is the joint probability density function of random variable set θ.
( 12) where the variable Furthermore, the cumulative distribution function (CDF) and the probability density function (PDF) of the power flow can be determined. Given the joint PDF of the random variable set θ (input), the CDF of the power flow (output) can be expressed as (12) and (13) can be solved numerically, yielding the CDF and PDF of the power flow.
As an example case, unts are considered, as shown in Figure 12 . The mounting stiffnesses are assumed to have +/-20% variation about the nominal values of 1350 N/mm (x, y directions) and 1230 N/mm (z direction) with two independent, uniform PDFs. Figure 13 shows the expected band of power flow from the rail to the cabin for the given variation of mounting stiffnesses, obtained from the power flow approximated by the LLI method over the r.v. domain. In Figure 13 , the largest difference between the upper and lower bounds of the power flow occurs at 18.9 Hz. For this frequency, Figure 14 shows the CDF from a Monte Carlo simulation with 2,000 realisations, as well as the CDFs from the LLI method employing 8x8 elements and 12 × 12 elements over the r.v. domain. With this discretisation of the r.v. domain, the LLI method provides a good approximation relative to the Monte Carlo simulation. Figure 14 also shows a good agreement between the histogram obtained from the Monte Carlo results and the PDF calculated with the LLI method. Both sets of results indicate that there is a significant difference between the most likely value of power flow, which corresponds to the peak of the PDF, and the ensemble-averaged value, which is denoted by the vertical line. For further illustration of the response statistics, Figure 15 shows the 95th, 50th, and 5th percentiles of the power flow. 
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Energy boundary element analysis (EBEA).
To demonstrate the validity of the EBEA formulation and its implementation (Pierre et al., 2004) , numerical results are compared with the analytical solutions. The acoustic medium used in the following examples is water, with density of 1000 kg/m 3 , and speed of sound equal to 1500 m/s. Computations are performed at the centre frequency for the 3000 Hz 1/3 octave band. A cylindrical radiator with two end caps is analysed. The EBEA model for the cylinder is depicted in Figure 16 . The analytical solution is generated by placing three incoherent point sources of unit strength along the axis of the cylinder. The surface of the cylinder is considered as transparent during the analytical computations. The acoustic intensity is computed on the cylinder surface and results for the acoustic energy density and intensity are also computed at field points. The acoustic intensity on the surface of the transparent cylinder is utilised as the boundary condition for the EBEA analysis. A distribution of energy sources and energy sinks is computed first on the surface of the model, and then results are computed at the field points. Since the intensity boundary conditions of the EBEA analysis were evaluated from the analytical solution, it is expected that the EBEA results at the field points will correlate with the analytical results. Results for the acoustic energy density at the field points are illustrated in Figure 17 for the EBEA results (18(a)) and for the analytical solution (18(b)) respectively. Results for the acoustic intensity computed by the two methods are illustrated in Figure 18 . The EBEA formulation is valid only for unbound medium. Since the energy sources which comprise the primary variables of the EBEA formulation originate from monopoles either in the free field or in the presence of a half space, the EBEA solution is not suitable for interior high frequency acoustic computations. Instead, an EFEA analysis that uses acoustic energy finite elements can be employed for high frequency acoustic computations (Zhang et al., 2002) . As an engineering application for the case study, the acoustic field around the truck is evaluated. Excitations representing a conventional powertrain, the tyres, and the hydraulic components of a hydraulic hybrid powertrain are considered in the EBEA computations. In this case study a unit intensity boundary condition is applied on the parts of the model that represent the noise sources. Acoustic intensity test data, which are measured in the vicinity of actual noise sources, can be used as intensity boundary conditions in a practical prediction. In this case study the acoustic field in the vicinity of the vehicle is computed for the set of sources that represent both the conventional and the hybrid powertrain. Figure 19 shows the excitation locations as shaded areas where nonzero intensity boundary conditions are applied on the EBEA model of the truck for the hydraulic hybrid powertrain (Figure 19(a) ) and for the conventional powertrain (Figure 19(b) ). Typical results from both analyses are illustrated in Figure 20 (a)-(e) for an excitation frequency of 1000 Hz. As expected, the acoustic field from the hydraulic hybrid presents higher noise levels around the vehicle. The acoustic field computed around the passenger cabin can be readily utilised as the excitation for a high-frequency air-borne interior acoustic analysis. The EBEA constitutes the only high-frequency method that can propagate the noise from the source to the acoustic space around the vehicle in high-frequency air-borne noise applications. The acoustic field computed around the vehicle by the EBEA can constitute the excitation for a SEA interior airborne noise analysis (Wang et al., 1999) . 
Conclusions
In this second paper of a two-part study, the new methodologies presented in the first paper were applied to a generic truck structural system in order to demonstrate their feasibility. Several example problems were discussed, which include: 1 the topology optimisation for a simplified model of the truck chassis frame, 2 a size design optimisation of the vibro-acoustic system using the advanced prediction and sensitivity analysis methods, 3 power flow and structural uncertainty analysis based on the reduced-order modelling technique, and 4 external noise prediction using the energy boundary element method.
Based on this case study, it is seen that the new methodologies can be applied to a wide range of design problems, and they can be used effectively to simulate and optimise the dynamic response of the structural design, thus significantly improving the structural performance of an automotive vehicle system.
